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Three-Dimensional
Thermohydrodynamic
Morton Effect Analysis—Part II:
Parametric Studies
This paper presents simulation results corresponding with the theoretical Morton effect
model explained in Part I, where the 3D finite element models of bearing, shaft, and fluid
film are adopted. In addition, it explains how thermal bow induced imbalance force
develops in the spinning journal with time and how the vibration level is affected by the
thermal bow vector. Shaft asymmetric thermal expansion induced by nonuniform journal
heating is simulated, which is one of the unique contributions of this research. The effect
of changes in: (1) thermal boundary condition around the pad, (2) lubricant supply tem-
perature, (3) initial mechanical imbalance, (4) pivot stiffness, (5) film clearance, and (6)
pad material are studied. Cooling the pad and the lubricant, using a pad with a low ther-
mal expansion coefficient, soft pivot, and reducing the initial imbalance are found to be
the best remedies for the thermal induced synchronous rotor instability problem. [DOI:
10.1115/1.4027310]

1 Introduction

This paper is an extension of the corresponding part I companion
paper. The latter derived the theory and algorithms required for
simulating a rotor-bearing model including the Morton effect. That
approach provided a highly accurate means to predict the Morton
effect by significantly reducing the simplifying assumptions that
appear in the related literatures. The 3D thermoelastic finite ele-
ment (FE) shaft and pad model and the 3D form of the energy equa-
tion were employed for the accurate prediction of the Morton
effect. A staggered integration scheme was utilized to reduce the
computation time. Some of the additional results of part I include a
new approach for the evaluation of the thermal bending eccentric-
ity and phase, and the 3D energy equation was found to be required
for the large imbalance motion because the 2D energy equation
overpredicted the journal temperature differential and resultant
vibration amplitude. Other part I results include thermal imbalance
significantly affecting rotordynamic vibrations and a hysteresis
behavior of vibration amplitude occurring with time varying rotor
spin speed, that is a noticeable characteristic of the synchronous
thermal rotor instability problem.

Part II utilizes the theory and algorithm presented in part I
to provide an extensive study of the effects of bearing model
parameters on temperature, clearance distributions, and most impor-
tantly on the “Morton effect” synchronous vibrations. Part II provides
guidance to designers and troubleshooters of rotating machinery for
avoiding the Morton effect through judicious selection of physical
parameters. The following discussion summarizes some prior publi-
cations containing parametric studies for the Morton effect.

De Jongh et al. [1] encountered a synchronous vibration prob-
lem during the mechanical running test on a centrifugal compres-
sor for an offshore gas-lift application. The rotor weighs 450 kg
and is supported by two tilting-pad journal bearings. A maximum
continuous speed of 11,947 rpm could not be achieved due to the
excessive synchronous vibration level. It is found that the hot spot
lags the high spot by from 15 deg to 20 deg, and the vibration
problem could be mitigated by reducing the overhung mass.

De Jongh and van der Hoeven [2] investigated the Morton
effect problem in two pipeline compressor for a natural gas appli-
cation, which had passed API 617. The operating speed ranged
from 5370 rpm to 9400 rpm. After the installation at a site, the
rotor showed an unstable Morton effect problem. A heat barrier to
minimize the thermal bow angle was suggested, and it solved the
problem well.

Gomiciaga and Keogh [3] evaluated the journal temperature
differential in a plain journal bearing for a prescribed orbit utiliz-
ing the finite volume method. They utilized an orbit time averaged
heat flux into the journal surface to evaluate the journal tempera-
ture differential and found that the temperature differential
increases with rotor spin speed and vibration level. Childs and
Saha [4] suggested reducing lubricant viscosity and reducing the
overhung mass for the remedy of the Morton effect problem. Lee
and Palazzolo [5] developed a Morton effect simulation algorithm
based on the 2D FE bearing model. The interface between the
lubricant and bearing inner surface is assumed to be thermally
insulated, and this causes a higher temperature than the pad model
with convective boundary condition at the outer surface. Decreas-
ing the lubricant viscosity by increasing its temperature is found
to mitigate the Morton effect problem.

The present work utilizes the rotor-bearing system presented by
de Jongh and van der Hoeven [2], which is further studied in Bal-
bahadur and Kirk’s publication [6]. Some input parameters, such
as thermal expansion coefficients and pivot shapes, were assumed
because they were not provided in their research paper. The com-
plete list of parameters explored in the present work is shown in
the abstract.

2 Simulation Model

The Rotor-bearing system presented by de Jongh and van der
Hoeven [2] was simulated, and the system configurations are pro-
vided by the work of Balbahadur and Kirk [6]. Figure 1 shows the
rotor model where the linear bearing is located at node number 4
(black), and the nonlinear bearing is at 12 (gray). The linear bear-
ing dynamic coefficients are assumed to remain constant at kxx

¼ kyy ¼ 1:70� 108ðN=mÞ and cxx ¼ cyy ¼ 1:00� 105ðN � s=mÞ,
and cross coupled terms are assumed to be zero. Figure 2 shows
the schematic diagram of the thermal boundary condition around
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shaft and bearing, where seven independent thermal boundary
conditions are defined. In this research, convective boundary
condition is assigned to all seven surfaces with ambient tempera-
ture of 30 �C or 40 �C as seen in Tables 2 and 3. The length of
the thermal shaft is seven times the bearing length as discussed in
part I. The nondriven end (NDE) bearing configurations are given
in Table 1. The thermal bending effect is taken into account only
at the NDE bearing location. In the experimental setup of de
Jongh and van der Hoeven [2], the film clearance was decreased
to 84.21% of its initial one to reproduce the Morton effect
problem.

Three different nodal imbalance cases are presented in Table 4.
The Morton effect problems described in the study by de Jongh
and van der Hoeven [2] are as follows:

(a) The rotor-bearing system shows thermal instability prob-
lems above 8000 rpm.

(b) It took 1 or 2 min for the system to reach vibration trip
level.

(c) Cyclic vibration amplitude oscillation was observed.
(d) Hysteresis vibration amplitude could be observed with time

varying spin speed.

3 Rotor Spin Speed

3.1 Rotor Spin Speed. It is known that if the hot spot is grad-
ually moving around the journal circumference, it gives rise to the
spiral vibration [3]. Murphy and Lorenz [7] introduced a first
order differential equation with time independent coefficients,
where “thermal velocity” is calculated for the evaluation of the
transient movement of the hot spot around the spinning shaft sur-
face. They assumed linear vector relationships between the high
spot, hot spot, and thermal bow phases.

In this research, the thermal bending amplitude and phase angle
are calculated by the 3D FE shaft model introduced in part I,
where the 3D thermal gradient is considered. In this section, the
influence of the thermal imbalance vector on the Morton effect
problem is examined. Input parameters are identical to the rotor-
bearing model described in Tables 1–3. The initial imbalance is
case 2 in Table 4.

According to the experiment of de Jongh and van der Hoeven
[2], the Morton effect problems started to show the synchronous
thermal instability problem at any spin speed above 8000 rpm.
The transient Morton effect simulation is performed at two differ-
ent rotor spin speeds, 7500 rpm and 8500 rpm. The vibration
amplitudes at the NDE bearing and at the end of the overhung
rotor are compared in Figs. 5(a) and 5(b). Figure 3 shows the fre-
quency response of the rotor-bearing system shown in Fig. 1. The
phase lag in Fig. 3(a) indicates the lagging phase with respect to

Fig. 1 Longitudinal section of rotor model

Fig. 2 Rotor-bearing thermal boundary condition

Table 2 Shaft thermal boundary condition

Ambient
temperature (�C)

Convection
coefficient W/(m2K)

‹Left end 30 50
›Left side 30 50
fiRight side 30 50
flRight end 30 50

Table 1 Simulation model parameters

Lubricant parameters Bearing/Pad parameters

Viscosity at 50 �C (Ns/m2) 0.0203 Pad type Load on pad
Viscosity coefficient(1/ �C) 0.031 Number of pads 5
Supply temperature (�C) 50 Pad arc length (deg) 56
Inlet pressure (Pa) 1.32� 105 Offset 0.5
Reference temperature (�C) 50 Radius of shaft (m) 0.0508
Mixing coefficient (b) 0.8 Bearing clearance (m) 7.49� 10�5

Density (kg/m3) 860 Preload 0.5
Heat capacity (J/kg �C) 2000 Pad thickness (m) 0.0127
Heat conductivity (W/(mK)) 0.13 Bearing length (m) 0.0508

Young’s modulus (Pa) 2.1� 1011

Shaft/Rotor parameters Poisson’s ratio 0.3
Young’s modulus (Pa) 2.10� 1011 Thermal expansion coefficients (1/ �C) 1.30� 105

Density (kg/m3) 7850 Density (kg/m3) 7850
Heat capacity (J/kg �C) 453.6 Heat capacity (J/kg �C) 453.6
Heat conductivity (W/(mK)) 50 Heat conductivity (W/(mK)) 50
Poisson’s ratio 0.3 Reference temperature (�C) 25
Thermal expansion coefficients (1/ �C) 1.30� 10�5

Reference temperature (�C) 25 Linear bearing (node No. 4)
Outer shaft length (m) 0.15 kxx, kyy (N/m) 1.70� 108

cxx, cyy (Ns/m) 1.00� 105
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the initial imbalance vector, and Fig. 3(b) shows the vibration
amplitude at the NDE bearing under the mechanical imbalance
distribution of case 2 in Table 4. According to the bode plot
shown in Fig. 3, 7500 rpm is closer to the third critical speed
7291 rpm whose mode shape is shown in Fig. 4, and the linear
analysis predicted a 36% higher vibration level at 7500 rpm than
8500 rpm. However, the transient Morton effect analysis predicted
that the vibration level at 7500 rpm is less than 15% of the ampli-
tude of 8500 rpm at t¼ 10 (min), which is identical to the research
of de Jongh and van der Hoeven [2]. The linear system analysis
result shown in Fig. 3 could not predict the Morton effect
problem.

Figure 5(e) describes the initial mechanical imbalance vector,
time varying thermal imbalance vector, and the vector sum of the
other two vectors at 7500 rpm. The thermal bow vector moves
around the journal circumference counter clockwise, the rotor
spinning direction, converging into 0:1� 10�3m�kgff165 deg. At
the beginning, the phase differential between the initial imbalance
and the thermal bow vector is 15 deg, which is less than 90 deg.
At t¼ 2 (min), the phase differential between the two imbalance
vectors converges into 165 deg, which means that the two vectors
are in the opposite direction, leading to the decrease of the imbal-
ance vector sum amplitude. The vibration amplitude with the ther-
mal bending is found to be lower than the amplitude without the
Morton effect as seen in Fig. 5(e). In this case, the vibration
amplitude is decreased by the Morton effect.

As the spin speed is increased to 8500 rpm, the thermal vector
moves around the journal circumference counterclockwise in the
rotor spin direction. Both the amplitude and the phase of the ther-
mal bow vector increase with time without convergence. Even if
the phase differential between the thermal bow and initial imbal-
ance vectors is 180 deg at t¼ 4.5 (min), the vibration amplitude is
larger than that of 7500 rpm since the amplitude of the thermal

induced imbalance is at least three times higher than the amplitude
of the initial imbalance vector. The shape of the nodal vibration
amplitude at the end of the rotor at 8500 rpm is similar to the jour-
nal temperature differential as seen in Figs. 5(b) and 5(c), which
means that the dynamic behavior of the rotor-bearing system
experiencing Morton effect is governed by the journal temperature
differential and the corresponding thermal bow vector. The
dynamic behavior is found to be governed by the thermal bow
vector as can be seen in Fig. 5(d). The 1X filtered polar plot pro-
duces a spiral vibration with the circular shape known as a unique
characteristic of the Morton effect problem, whereas the long oval
shape can be observed in the journal-bearing rubbing problem [8].

3.2 Phase Relationship. Figure 6 shows a schematic diagram
explaining the phase relationship. Related literature assumed that
the phase of the cold spot (;COLD) coincides with the thermal bow
phase (;THERM�BOW), which means the phase differential between
the cold spot (;COLD) and the hot spot (;HOT) remains constant at
180 deg. In addition, the phase differential between the high spot
(;HIGH) and the hot spot (;HOT) has been assumed to remain con-
stant during the journal orbiting.

The experiment of de Jongh et al. [1] observed that the hot spot
lags the high spot by 20 deg. Larsson’s research [9,10] assumed
that the hot spot (;HOT) coincides with the high spot (;HIGH), and
the cold spot (;COLD) will be formed on the shaft surface experi-
encing maximum film thickness (;HIGH þ 180 deg). In other
words, the phase differential between hot spot (;HOT) and cold
spot (;COLD) remains constant at 180 deg, and the thermal bow
phase (;THERM�BOW) and the cold spot (;COLD) coincide with each
other. The simulation of Gomiciaga and Keogh [3] showed that
there exists a phase lag between the high spot (;HIGH) and hot spot
(;HOT) ranging from 0 deg to 60 deg.

In this section, the phase relationship was examined by compar-
ing two simulation cases, whose rotor spin speeds are constant at

Table 3 Pad thermal boundary condition

Ambient
temperature (�C)

Convection
coefficient W/(m2K)

�Bearing radial out 40 50
–Axial left end 30 50
†Axial right end 30 50

Table 4 Initial imbalance distribution

Node No. Imbalance (kg �m)

Case 1 14,15,16,17,18,19 10:00� 10�5

Case 2 14,15,16,17,18,19 3:00� 10�5

Case 3 14,15,16,17,18,19 1:00� 10�5

Fig. 3 Bode plot

Fig. 4 Mode shape at 7291 rpm (f 5 0.10)
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7500 rpm and 8500 rpm. The rotor-bearing system is identical to
the earlier-described model shown in Tables 1–3, and the initial
imbalance is case 2 shown in Table 4. The simulation results of
the 7500 rpm model are described in Fig. 7, where the system is
supposed to be stable, and Fig. 8 shows the 8500 rpm model,
which is supposed to be unstable with the oscillation of the journal
temperature differential.

When the rotor spin speed is 7500 rpm, the temperature differ-
ential reaches the steady state after t¼ 3 (min) as shown in Fig. 7.
The phase differential between the hot spot (;HOT) and the high
spot (;HIGH) remains at 25 deg, as shown in Fig. 7(b). The third
plot (Fig. 7(c)) shows the thermal bow phase (;THERM�BOW) and
cold spot phase (;COLD), and they show almost the same value.

The fourth plot (Fig. 7(d)) shows the phase differential between
the hot spot (;HOT) and the cold spot (;COLD), and it stays constant
at 180 deg. The fifth plot (Fig. 7(e)) shows the phase differential
between the hot spot (;HOT), and the thermal bow (;THERM�BOW),
which is identical to the assumption of the previous approaches
that employed a linear approach.

When the rotor spin speed is increased to 8500 rpm, the temper-
ature differential oscillates without convergence over the period
of t¼ 2.5 (min) as seen in Fig. 8. The phase differential between
the hot spot (;HOT) and the high spot (;HIGH) stays constant at
15 deg. The phase differential between the hot spot (;HOT) and
cold spot (;COLD) shown in Fig. 8(d) oscillates between 160 deg
and 190 deg, which is around 180 deg. The last plot (Fig. 8(e))
draws the phase differential between hot spot (;HOT) and thermal
bow (;THERM�BOW), which is oscillating between 180 deg and
270 deg. This has been assumed to be constant at 180 deg in ear-
lier approaches. The time varying phase differential between the
hot spot (;HOT) and thermal bow (;THERM�BOW) can make a signifi-
cant difference from the earlier studies since the phase of the ther-
mal bow (;THERM�BOW) induced imbalance vector is the main
source of the synchronous thermal instability problem. Incorrect
prediction of the thermal bow phase (;THERM�BOW) may lead to an
inaccurate Morton effect simulation result. In this section, the
amount of the thermal induced imbalance and the phase were
evaluated based on 3D FE heat conduction and thermal expansion
model. It is evident that the 3D FE model for the thermal bending
evaluation gives more sophisticated and accurate prediction than
the analytical method of earlier studies.

Fig. 5 Transient Morton effect simulation result (7500 rpm versus 8500 rpm)

Fig. 6 Phase relationship
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Fig. 7 Temperature differential and phase information (case 1: 7500 rpm)
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Fig. 8 Temperature differential and phase information (case 2: 8500 rpm)
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4 Shaft Asymmetric Thermal Expansion

Asymmetric thermal expansion of the shaft in the journal cir-
cumferential direction has not been considered in earlier studies,
and the related theoretical model is introduced in part I. In this
section, the effect of shaft asymmetric thermal expansion will be
examined by comparing the asymmetric thermal expansion
model to the symmetric expansion model whose uniform thermal
deformation is evaluated by the shaft volume averaged tempera-
ture. The input parameters are identical to the rotor-bearing
model introduced in Sec. 3.2. The initial imbalance distribution
is case 1 in Table 4, and the rotor spin speed remains constant
at 8500 rpm. Figure 9(c) compares the journal temperature dif-
ferential, where the asymmetric thermal expansion model gives
rise to the increased journal temperature differential after t¼ 4
(min). The thermally expanded shaft area around the hot spot
will reduce the film thickness yielding increased viscous shear-
ing. It will cause higher temporal derivative of the film thickness
(dh/dt) leading to an increased fluidic force and viscous shear-
ing. The overall vibration amplitude with the asymmetric ther-
mal expansion was increased being compared to the symmetric
model as seen in Figs. 9(a) and 9(b). The time period for a
360 deg phase angle change of the hot spot and the lagging
phase is around 4.9 (min) with the uniform thermal expansion
model and 4.5 (min) with the asymmetric thermal expansion
model. This means that the increased viscous shearing causes
the decreased time period for 360 deg phase angle change of hot
spot and phase lag.

Figure 9(d) shows journal surface thermal expansion ratio at
t¼ 10 (minutes), where the journal temperature differential is
7.9 �C. The thermal expansion ratio is calculated by dividing the
amount of the journal surface thermal expansion (hT�E�J) by the

bearing clearance (ClB). The film clearance is reduced by about
50% due to the thermal expansion of the shaft. The maximum
expansion ratio is 0.517 at hot spot, and the minimum ratio is 0.49
at cold spot as seen in Fig. 9(d). The expansion ratio differential
between the hot spot and the cold spot is 2.7%, which is a very
small value compared with the bearing clearance (ClB). The maxi-
mum slope (dB) is 2:18� 10�5, and the linear velocity on the
spinning shaft surface (vB) is 45.22 m/s. The time derivative of the
film thickness (dhT�E�J=dt) becomes 9:85� 10�4 m/sec by multi-
plying vB and dB. If the journal synchronous orbit is assumed to
be a circular shape with the peak-peak amplitude 13 lm as shown
in Fig. 9(a) at t¼ 10 (min) and the pad tilting angular velocity is
ignored, the maximum temporal derivative of the film thickness
(dhT�E�J=dt) due to the synchronous orbiting is 0.0058 m/s. The
ratio of dhT�E�J=dt to dh=dt is 17%. The 2.7% of film clearance
differential causes the same change of film thickness; however, it
caused 17% change of the temporal derivative of the film thick-
ness (dh=dt). The mean vibration level at the NDE bearing loca-
tion is increased by 5% with the consideration of the asymmetric
thermal expansion. The temporal derivative of the film thickness
(dh=dt) is closely related to the damping coefficients, and this
change cannot be employed in the linear model since the asym-
metric thermal expansion cannot be calculated with zero orbit size
with nonasymmetric heating.

The asymmetric shaft thermal expansion effect has not been
taken into account in any earlier studies, and it is evident that the
shaft asymmetric thermal expansion produces a change to the
dynamic behavior of the rotor-bearing system accompanied by
Morton effect. Further study is needed to evaluate if the increased
vibration is due to the increased thermal bow or due to the
decreased damping coefficient arising from the asymmetric

Fig. 9 Asymmetric shaft thermal expansion
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thermal expansion. The nonuniform thermal expansion is a more
realistic model, and uniform shaft thermal expansion model will
produce an underestimated viscous shearing leading to a change
of simulation result.

5 Parametric Studies

There have been only a few prior studies on the mitigation of
the Morton effect problem with parameter variations since accu-
rate measurement of journal temperature differential is challeng-
ing, and an accurate prediction is highly complex. In this section,
the impact of changes in: (1) thermal boundary condition, (2) sup-
ply fluid temperature, (3) initial imbalance, (4) pivot stiffness, (5)
film clearance, and (6) pad material will be simulated.

5.1 Convective Boundary Condition. The thermal boundary
condition effect on the Morton effect problem is studied by com-
paring two different models of (1) convective boundary condition
and (2) insulated boundary condition around the pads. The input
parameters are identical to the rotor-bearing model shown in
Table 1, and the initial imbalance is case 1 in Table 4. The rotor
spin speed stays at 8500 rpm. The first model has convective
boundary condition on the bearing and shaft’s surfaces as
described in Tables 2 and 3. The second model is thermally insu-
lated on three boundary surfaces on the pad, whose boundary
numbers are 5, 6, and 7 in Fig. 2. The other four surfaces (1–4 in
Fig. 2) on the shaft have convective boundary condition identical
to Table 2.

Figures 10(a) and 10(b) show the vibration amplitude at the
NDE bearing and at the end of the rotor, respectively. The convec-
tive boundary on the bearing pads lowered the mean vibration am-
plitude at the end of the rotor by 10%, which is the same amount
as the drop of journal temperature differential as shown in

Fig. 10(c). The average temperatures in the shaft, pads, and lubri-
cant are shown in Figs. 10(d), 10(e), and 10(f), respectively. The
overall temperature drop is less than 3%, which is much less than
the drop of vibration amplitude. It is clear that the convective
boundary condition mitigated the vibration amplitude caused by
the Morton effect problem.

5.2 Lubricant Supply Temperature. If a serious Morton
effect problem happens, lowering the supply lubricant temperature
can be one of the quick remedies. The supply temperature effect
on the Morton effect problem is studied in this section. Simulation
results of three different lubricant supply temperatures, 30 �C,
40 �C, and 50 �C, will be compared. Other input parameters are
identical to the rotor-bearing system described in Tables 1–3. The
initial imbalance is case 1 in Table 4, and the rotor spin speed is
constant at 8500 rpm.

Figures 11(a) and 11(b) show the vibration amplitudes at the
NDE bearing location and at the end of the rotor, respectively.
The mean values of the vibration amplitude over 10 (min) at the
NDE bearing location are 14.66 (lm) at 50 �C, 13.44 (lm) at
40 �C, and 11.85 (lm) at 30 �C. The mean values of the vibration
amplitude at the end of the overhung disk are 210 (lm) at 50 �C,
137 (lm) at 40 �C, and 96 (lm) at 30 �C. The mean value is a use-
ful measure when the amplitude shows oscillation. The reduction
ratios of the mean values compared to the 50 �C model at the
NDE bearing are 8.32% at 40 �C and 19.17% at 30 �C. The reduc-
tion ratios of the mean values at the end of the overhung disk are
34.76% at 40 �C and 54.29% at 30 �C. Cold supply temperature
lowered the vibration amplitude, and the reduction amount at the
end of the rotor is 2.83 times bigger than at the NDE bearing loca-
tion with 30 �C supply temperature.

There is a significant drop of the journal temperature differen-
tial and the resultant peak vibration level at the end of the rotor as

Fig. 10 The effect of thermal boundary condition
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Fig. 11 Inlet temperature effect on the synchronous thermal instability problem
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can be seen in Figs. 11(b) and 11(c). The peak vibration amplitude
at the bearing location has a significant relevance to the bearing
safety problem because the extremely high vibration level will
cause the bearing failure even if the mean vibration level is mod-
erate. Reduced supply temperature lowered the peak vibration
level at the NDE bearing as seen in Fig. 11(a). The peak levels are
23.72 (lm) at 50 �C, 21.80 (lm) at 40 �C, and 19.20 (lm) at
30 �C, and the reduction ratios are 8.1% at 40 �C and 19.06 at
30 �C.

Low supply lubricant temperature reduced the vibration level
and increased the oscillation period. The amount of vibration am-
plitude drop at the end of the rotor is bigger than that at the NDE
bearing location, and it can be seen that the decreased journal tem-
perature differential mitigated the thermal bending. Figure 11(d)
shows the 1X filtered polar plot where the reduced supply temper-
ature produces the stable thermal spiral.

Average temperature in the shaft, pads, and lubricant are shown
in Figs. 11(g), 11(h), and 11(i), respectively. The amount of the
temperature drop by 30 �C supply temperature is 18.5 �C in the
pad and lubricant, which means that the amount of temperature
drops in the lubricant and pads are highly governed by supply
temperature. The supply temperature also influenced the peak
temperature in the shaft, lubricant, and bearing. The amount of the
peak temperature drop is almost the same as in the average tem-
perature. Figure 11(e) draws the hot spot phases gradually moving
around the journal circumference. The rate at which the hot spot
moves around the journal surface at reduced inlet temperature is
slower as seen in Fig. 11(e).

The minimum film thickness ratio is illustrated in Fig. 11(f),
where the decreased inlet temperature increases the minimum film
thickness. It can be seen that the decreased supply temperature
mitigated the thermal bending angle yielding the decreased
vibration amplitude. The cooling effect will limit the amount of
thermal expansion of the shaft and pad resulting in the increased
film thickness. The reduced lubricant temperature increased the
lubricant viscosity producing the increased bearing stiffness coef-
ficients. Cooling the inlet lubricant temperature is found to be a
good remedy for the Morton effect problem.

5.3 Initial Imbalance. De Jongh and van der Hoeven [2]
described that the rotor-bearing system in the test bed was very
sensitive to the initial imbalance. In this section, three different
imbalance values are simulated and compared, whose imbalances
are shown in Table 4. The initial bearing and shaft temperature is
30 �C, and the rotor spin speed stays constant at 8500 rpm. The
vibration amplitudes at the NDE bearing and at the end of the
rotor are shown in Figs. 12(a) and 12(b), respectively. The journal
surface temperature differential is shown in Fig. 12(c). The peak
vibration amplitudes at the NDE bearing location are 24 lm in
case 1, 10 lm in case 2, and 7 lm in case 3, and they are closely

related to the safety of the rotor-bearing system. The ratio of the
peak vibration levels are 1:0.41:0.29, whereas the ratio of the ini-
tial imbalances are 1:0.3:0.1. It means that the relationship
between the peak vibration amplitude and the initial imbalance is
nonlinear. The ratio of the peak journal temperature differentials
are 1:0.6:0.4 as seen in Fig. 12(c). The ratio of the vibration
amplitudes at the end of the rotor is 1:0.59:0.41, which is very
similar to the ratio of the journal temperature differentials. The
journal temperature differential is found to be more closely related
to the vibration level at the end of the rotor than the NDE bearing
location. Decreasing the initial imbalance mitigated the cyclic
vibration amplitude and can be predicted to be a remedy for the
Morton effect problem.

5.4 Pivot Stiffness. Soft pivot is known to decrease the rotor
critical speed and increase the vibration amplitude. The pivot stiff-
ness effect on the Morton problem is examined in this section.
The simulation model is identical to the rotor-bearing system
described in Tables 1–3, except for the pivot stiffness. The pad
support is assumed to be a flexible spherical pivot, where the pad
translation, tilting, and pitch motions are taken into account. The
initial imbalance is case 1 in Table 4, and the spin speed stays
constant at 8500 rpm. Three models have different pivot stiffness:
rigid, 9:0� 108 N/m, and 4:5� 108 N/m. In the case of the
9:0� 108 N/m pivot stiffness, the pivot deformation due to the
bearing load, that is assumed to be constant at 2180 N, is 2.42 lm,
3.23% of the bearing clearance.

First, the linear analysis is performed with the same imbalance
force as in the transient simulation model, and the frequency
response at the NDE bearing location is drawn in Fig. 13. At 8500
rpm, the maximum differential of phase lag is 4 deg among the
different pivot stiffness models, and the maximum differential of
vibration level is less than 5%. If the differentials of the phase lag
and the vibration amplitude are very small, it is predicted that the
Morton effect simulation results at the flexible pivot models will
not show a big difference from the rigid pivot bearing model.

Transient Morton effect analysis is conducted for the three
different pivot stiffness values. The vibration amplitudes at the
NDE bearing and at the end of the overhung disk are shown in
Figs. 14(a) and 14(b), respectively. The mean values of the vibra-
tion amplitudes for 10 (min) at the NDE bearing are 14.66 lm
at the rigid pivot, 17.58 lm at 9.0e8 N/m, and 17.27lm at
4.5e8 N/m. The flexible pivot increased the vibration level at the
NDE bearing as expected from the linear model. The mean vibra-
tion amplitudes measured at the end of the overhung rotor for
10 (min) are 210 lm at the rigid pivot, 116 lm at 9.0e8 N/m, and
82 lm at 4.5e8 N/m, which are shown in Fig. 14(b). The mean
journal surface temperature differentials are 6.74 �C at the rigid
pivot, 4.51 �C at 9.0e8 N/m, and 3.27 �C at 4.5e8 N/m. The soft
pivot reduced the journal temperature differential and the

Fig. 12 Comparison of different initial imbalance
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corresponding vibration amplitude at the end of the rotor, which
means that the soft pivot decreased the viscous shearing. The peak
vibration levels at the NDE bearing, that is closely related to the
bearing safety, are 23.72 lm at the rigid pivot, 23.20 lm at 9.0e8
N/m, and 19.05 lm at 4.5e8 N/m. The peak vibration amplitude
caused by the Morton effect was reduced by 20% with the soft
pivot (4.5e8 N/m). The nonlinear thermal bow effect simulation
produced an effect opposite to what was predicted in the linear
model.

Figure 14(d) shows the polar plot where the vibration amplitude
and lagging phase relative to the initial imbalance vector are
described. The rigid pivot model shows the repeatable changes
in vibration amplitude and lagging phase per each limit cycle.
Lagging phases with respect to the initial imbalance are shown in
Fig. 14(e), where the lagging phase with the soft pivot easily con-
verges. The average and peak temperatures in the shaft, pads, and
lubricant are shown in Figs. 14(g)–14(l). The average and peak
lubricant temperatures with soft pivot are decreased by 10 �C. Pad
and journal peak temperatures are also decreased by the same
amount of the lubricant temperature since the fluid film viscous
shearing is the only heat source of this bearing model. The soft
pivot is found to reduce the viscous shearing since the flexible
pivot gives rise to the pivot translation motion and increases the
film clearance resulting in less viscous shearing. With the less vis-
cous shearing, the hot spot did not move but converged. It is
thought that the root cause of the hot spot moving around the jour-
nal circumference is the journal differential heating and the corre-
sponding thermal bending. The minimum film thickness ratios are
shown in Fig. 14(d). The rigid pivot produces the highest tempera-
ture in the lubricant, pad, and shaft, yielding the increased thermal
expansion and the decreased minimum film thickness ratio. Soft
pivot has been known to increase the vibration amplitude. How-
ever, soft pivot caused a noticeable drop in vibration amplitude at
the end of the rotor, and the amount of the increased vibration
level at the NDE bearing is negligible. It is evident that a soft
pivot is a good remedy for the Morton effect problem if moderate
pivot stiffness is selected.

5.5 Film Clearance. This section examines the effects of
film clearance on the thermal bow induced synchronous rotor
instability problem. Except for the bearing clearance, the input pa-
rameters are identical to the rotor-bearing configurations including
preload as shown in Table 1. Three different bearing clearance
values, 0:9� ClB, 1:0� ClB, and 1:1� ClB, are examined. Rotor
spin speed is 8500 rpm and the simulation time is 10 (min).

Minimum film thickness ratio shown in Fig. 15(e) is the ratio of
the minimum film thickness journal experiences at a single orbit-
ing to the bearing clearance (ClB). Reduced film thickness ratio
(Clratiotherm

) shown in Fig. 15(f) indicates the ratio of the bearing
clearance reduced by shaft and pad thermal expansion to the ini-
tial bearing clearance (ClB) as seen in Eq. (1). The volume aver-
aged thermal expansion of the shaft (Rshaft � ashaft � ðTavgshaft

� Trefshaft
Þ) and pad (tpad � apad � ðTavgpad

� Trefpad
Þ) are considered.

tpad indicates the pad, ashaft is the thermal expansion coefficient of
the shaft, and Trefshaft

indicates a reference temperature for the

evaluation of the shaft thermal expansion. This value (Clratiotherm
)

does not reflect the actual thermal expansion considering the 3D
thermal gradient of the pad and shaft but considers the volume
and temperature averaged thermal expansion. For the evaluation
of the shaft average temperature (Tavgshaft

), journal temperature dis-
tribution inside the bearing length is averaged, which means the
shaft thermal gradient outside the bearing location is not taken
into account. Five pads’ temperature distributions are averaged to
evaluate the pads’ average temperature (Tavgpad

).
When the bearing clearance is reduced to 0:9� ClB, the vibra-

tion amplitudes and the journal temperature differential show the
highest increase rates at the beginning as seen in Figs. 15(a)–15(c).
However, after t¼ 1.5 (min), the vibration amplitude at the NDE
bearing drops rapidly with oscillation decaying to zero at t¼ 4.2
(min). At the same moment, the energy equation encounter a
numerical problem caused by the extremely high lubricant tem-
perature and reduced film clearance decaying to zero. The vibra-
tion amplitude is thought to be limited due to (1) the thermal
expansions of the shaft and pads and (2) the corresponding
decreased film thickness. At t¼ 4.2 (min), the bearing clearance is
decreased to 20% of its initial value due to the excessive thermal
expansion as seen in Fig. 15(f). Reduced film thickness produces
higher viscous shearing leading to a higher temperature, and the
increased heat flux flowing into the pads and shaft. The increased
temperatures of the shaft and pad give rise to the increased
thermal expansion yielding the decreased film thickness and
vice versa. This process will be repeated until a converged tem-
perature is produced or will be repeated until the temperature
becomes divergent leading to a rubbing problem between the shaft
and bearing. In this case, the average temperatures become diver-
gent by getting close to the clearance as can be seen in Figs.
15(g)–15(i). The moving phase lags are shown in Fig. 15(d).
According to the simulation results in the previous sections, the
increased viscous shearing caused the increased change rate of the
lagging phase and the hot spot phase. In this section, the reduced
film clearance equivalent to the increased viscous shearing leads
to the stiff slope meaning the higher change rate of the moving
phase lag.

If the bearing clearance is increased to 1:1� ClB, the mean
vibration amplitude over the 10 (min) at the NDE bearing location
does not show a big difference from the 1:0� ClB model, and the
oscillation is not observed as can be seen in Fig. 15(a). The jour-
nal temperature differential and the resultant vibration amplitude
at the rotor end show the lower value than 1:0� ClB model as
seen in Figs. 15(b) and 15(c). The increased film clearance
reduces the viscous shearing leading to a mitigated journal asym-
metric heating. The average temperatures of the shaft, lubricant,
and pads are decreased by 7 �C to 10 �C as seen in
Figs. 15(g)–15(i).

Clratiotherm

¼
ClB�Rshaft �ashaft Tavgshaft

�Trefshaft

� �
� tpad �apad Tavgpad

�Trefpad

� �

ClB
(1)

Fig. 13 Bode plot
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Fig. 14 Flexible pivot versus rigid pivot
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5.6 Bronze Pad Versus Steel Pad. A bronze pad is widely
used in the tilting-pad bearing for its good heat conductivity. In
this section, the effect of the pad material properties on the Mor-
ton problem is examined. A steel pad has been used in the previ-
ous sections, and the bronze pad model is simulated and
compared to the steel pad model. Table 5 compares the pad mate-
rial properties of the steel and bronze. The bronze has higher heat
conductivity, lower Young’s modulus, and a higher thermal
expansion coefficient compared to the steel. The pad and the pivot
are assumed to be rigid, and the pivot is a spherical type. Except
for the pad material, the input parameters of the two different pad
bearing models are identical. Rotor spin speed is constant at
8500 rpm, simulation time is 10 (min), initial imbalance is case 2
in Table 4, and the initial temperatures of pad and shaft are 30 �C.

Figure 16(a) shows the vibration amplitude at the NDE bearing,
where the bronze pad model produces lower vibration amplitude
than the steel pad. The journal surface temperature differential
and the corresponding vibration amplitude at the end of the rotor

of the bronze pad show similar shape to the steel pad until t¼ 5
(min) and then start to be lower than the steel pad. At t¼ 9.6
(min), the energy equation of the bronze pad model could not be
further simulated due to the numerical error caused by the 126 �C
extremely high lubricant temperature and the decreased film
thickness caused by the thermal expansion of the shaft and pad.
Figures 16(g)–16(i) show the average temperatures of the shaft,
pad, and lubricant, respectively. Until t¼ 4 (min), the average
pads and lubricant temperatures of the bronze pad produce lower
values than the steel pad. This is due to the higher heat conductiv-
ity of the bronze pad. However, the average temperatures of the
bronze pad increase more rapidly than the steel pad after t¼ 4
(min). At t¼ 4 (min), the average temperatures of the pad and
lubricant of the bronze model exceed the steel pad and become di-
vergent associated with the higher viscous shearing, which is the
only heat source of this rotor-bearing system. The increased
viscous shearing is primarily due to the reduced film thickness
accompanied by the increased thermal expansion of the shaft and

Fig. 15 Film clearance effect on the Morton effect problem
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pad. This process is repeated until the temperature becomes con-
vergent or will be repeated until the diverged temperature is pro-
duced causing the rubbing problem. In this case, the temperature
becomes divergent by getting close to the clearance as can be seen
in Figs. 16(g)–16(i), which is the same mechanism discussed in
Sec. 5.5 about the bearing clearance. The vibration amplitude and
the journal temperature differential of the steel pad seen in
Figs. 16(a)–16(c) does not diverge as seen in case 2 of Fig. 12,
which is the same model with different simulation time. The rate
at which the lagging phase moves around the journal surface of

the bronze pad exceeds the steel pad after t¼ 4 (min), as can be
seen in Fig. 16(d), which is associated with the higher viscous
shearing and the corresponding higher journal surface temperature
differential. The minimum film thicknesses of the two different
pad models are shown in Fig. 16(e) and the thermally reduced
film thickness ratios are shown in Fig. 16(f). Even if the thermally
reduced film clearance ratio of the bronze pad is lower than the
steel pad, the minimum film thickness ratio of the bronze pad is
still larger than the steel pad around t¼ 4 (min). That is because
the vibration level of the bronze pad is lower than the steel pad.
The vibration amplitude is limited due to the thermally expanded
pad and shaft, and the journal temperature differential is also lim-
ited due to the reduced vibration level at the bearing. The thermal
expansion coefficient of the bronze is eight times bigger than the
steel. At the same temperature, the higher thermal expansion
coefficient causes larger deformation, and the thermal expansion
of the pad may exceed the steel pad before t¼ 4 (min). As pre-
dicted, the thermally reduced film thickness ratio of the bronze
pad becomes lower than the steel pad before t¼ 4 (minutes), as
can be seen in Fig. 16(f). For the first 5 (min), the higher heat
conductivity of the bronze pad governed the thermal and
dynamic behavior leading to the lower temperature and higher
film clearance. However, rotor dynamic behavior is governed by

Table 5 Steel pad versus bronze pad

Steel Bronze

Young’s modulus (Pa) 2.1� 1011 1.1� 1011

Poisson’s ratio 0.3 0.35
Thermal expansion coefficients (1/ �C) 1.30� 10�5 1.70� 10�5

Density (kg/m3) 7850 8960
Heat capacity (J/kg �C) 453.6 385
Heat conductivity (W/(mK)) 50 401
Reference temperature (�C) 25 25

Fig. 16 Pad material effect on the Morton effect problem
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the higher thermal expansion coefficient of the bronze pad resulting
in the reduced film thickness and the corresponding higher viscous
shearing and temperature after t¼ 5 (min).

If a designer or trouble shooter of the rotating machinery
replaced the steel pad with the bronze pad to mitigate the Morton
effect problem, the thermal induced vibration issue seems to be
mitigated according to the decreased vibration level for the first 9
(min) since the amount of the thermal expansion and the corre-
sponding reduced film clearance cannot be observed easily.
According to the simulation result, the decreased cyclic vibration
amplitude oscillation is only apparent and illusory. The rotor-
bearing numerical model suggested in this research will produce
more reliable results with detailed input parameters such as ther-
mal expansion coefficient and heat conductivity.

6 Conclusion

This study presents a new method to calculate the cyclic ampli-
tude and synchronous vibrations resulting from the journal surface
temperature differential in a tilting-pad journal bearing. This new
modeling method is improved from the previous study [5] as
follows:

(a) The 3D FE shaft and pad models consider more sophisti-
cated thermal boundary conditions that make changes to
the thermohydrodynamic behavior.

(b) Asymmetric shaft thermal expansion model can consider
more realistic film thickness profile leading to a reliable
prediction of the Morton effect problem.

(c) Pad thermal deformation is modeled using the thermoelas-
tic 3D finite element model, and the pad material property
effect could be examined.

(d) Pivot stiffness effect was included.
(e) Thermal bow angle and phase were evaluated by the 3D fi-

nite element model considering the shaft’s internal temper-
ature distribution.

The results of this study can be summarized as follows:

(a) The phase relationships among the hot spot, cold spot, high
spot, thermal bow, and heavy spot are studied by nonlinear
transient rotordynamic analysis. Inaccurate prediction of
the thermal bending and phase may give rise to a wrong
Morton effect simulation result.

(b) The thermal induced imbalance vector is known to increase
the vibration level, which is the synchronous rotor instabil-
ity problem known as the Morton effect; however, it is
shown that the thermal induced imbalance can lower the
vibration amplitude when the two phases of the initial

imbalance and the thermal bending vector are in the oppo-
site direction, and the amplitudes of the two imbalance vec-
tors are similar.

(c) The rotor-bearing system [3] response was predicted by
both the linear steady analysis within the prescribed rotor
spin speed range and the nonlinear transient Morton effect
analysis at two spin speeds, 7500 rpm and 8500 rpm. The
linear analysis predicted that 7500 rpm is closer to the third
critical speed 7291 rpm than 8500 rpm. However, the non-
linear transient Morton effect analysis showed ten
times higher peak vibration amplitude at 8500 rpm than
7500 rpm, which is an entirely different result from the
linear analysis method. This is because the linear analysis
cannot predict the time varying thermal imbalance vector,
which affects the net imbalance vector.

(d) The journal synchronous orbiting in a fluid film bearing
inherently generates the asymmetric heating in the circum-
ferential direction. Earlier studies neglected the asymmetric
radial thermal expansion of the shaft arising from the asym-
metric heating, but this is now shown to make a change to
the rotor-bearing system dynamic behavior. In this study,
2.7% of the film clearance differential in the circumferen-
tial direction arising from the asymmetric journal thermal
expansion caused a 5% change in the mean vibration level
at the NDE bearing location and a 17% change in the mean
journal surface temperature differential.

(e) Increased convection and reduced supply lubricant temper-
ature mitigated the Morton effect problem.

(f) Decreasing the initial imbalance mitigated the cyclic vibration
amplitude. The relationship between the peak vibration level
and the initial imbalance vector is found to be nonlinear.

(g) According to this study, moderately reduced pivot stiffness
could increase the film clearance, lower the viscous shear-
ing, and mitigate the corresponding Morton effect problem.

(h) Excessive reduction of film clearance resulted in a diver-
gent temperature causing a rubbing problem between the
stationary part and the rotating shaft.

(i) Thermal deformation of the pad and shaft made notable
changes to the Morton effect response.

(j) Modeling with steel and bronze pads indicated a significant
change in the Morton effect.

Table 6 provides a condensed summary based on the above
observations. One should interpret these results with the aware-
ness that although the Morton effect may be decreased with a cer-
tain parameter change, other undesired consequences may occur,
such as a shift in critical speed, etc. Further research is required to
examine more sophisticated bearing models by including flexible

Table 6 Parameter changes required to reduce Morton effect (ME)

Parameter Changes required for ME reduction Physical explanation

Thermal boundary
conditions

Increase convection by lowering ambient temperature or
increase convection coefficient

Decreased thermal expansion of the shaft and pad limits the
viscous shearing

Supply lubricant
temperature

Reduce inlet lubricant temperature Decreased thermal expansion of the shaft and pad

Initial imbalance Reduce initial imbalance Decreased orbit increases the minimum film thickness
where the maximum viscous shearing occurs

Pivot stiffness Change pivot stiffness to determine optimal value for ME
reduction

In general flexible pivot increases the minimum film
thickness where the maximum viscous shearing occurs.

Film clearance Increase the bearing clearance Increasing film thickness decreases viscous shearing
associated with the ME problem

Pad material Use pad material with high thermal conductivity High thermal conductivity will dissipate the heat generated
by the viscous shearing

Pad material Use pad material with low thermal expansion coefficient Low thermal expansion coefficient limits the decrease of
the film thickness, which affects the higher viscous
shearing. This also affects the amount of the thermal
bending angle, which is the root cause of the ME problem.
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pad and the nonlinear pivot stiffness effects, which is a function
of pad-pivot material properties, load on pad, pivot shape, and
pivot thermal gradient.
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Nomenclature

ClB ¼ bearing clearance
Clratiotherm

¼ reduced film thickness ratio
h ¼ film clearance

hT�E�J ¼ film clearance change due to thermal expansion of
journal

Rshaft ¼ journal radius
t ¼ time

tpad ¼ averaged pad thickness
Tavgpad

¼ volume averaged temperature of pad
Tavgshaft

¼ volume averaged shaft temperature
Trefpad

¼ reference temperature of pad
Trefshaft

¼ reference temperature of shaft
apad ¼ thermal expansion coefficient of pad
ashaft ¼ thermal expansion coefficient of shaft
;COLD ¼ phase of cold spot

;HIGH ¼ phase of high spot
;HOT ¼ phase of hot spot
;LAG ¼ lagging phase

;THERM�BOW ¼ phase of thermal bow
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